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SUMMARY 

✓ 

An analysis of the factors involved in the high-speed operation 
of needle hearings including stresses due to maneuvering loads, def- 
ormations due to operation at high temperatures, and internal forces 
within the hearing is presented. An expression for end thrust was 
derived wherein end thrust was found to he approximately equal to 
the external load multiplied hy an over-all equivalent coefficient 
of friction. This equivalent coefficient of friction was experi- 
mentally obtained over a wide range of operating conditions. 

An experimental investigation of 1^- inch-pitch-diameter needle 

bearings over a range of shaft speeds between 2000 and 17,000 rpm, 
loads from 3;5 to 600 pounds per square inch (based on bearing pro- 
jected area; that is, product of pitch diameter and effective needle 
length), and oil flows from 0.5 to 24 pounds per hour emphasized 
that the operating characteristics of needle bearings are largely 
dependent upon speed, external load, needle length- diameter ratio, 
and needle diameter. With length-diameter ratios of 3.50 and 2.75, 
operation at shaft-pitch-surface speeds up to 80 feet per second 
was possible. Operation of needle bearings with a needle length- 
diameter ratio of 5.71 or greater was unsatisfactory at shaft-pitch- 
surface speeds in excess of 30 to 40 feet per second.. The length- 
diameter ratio was unreliable as' : the main criterion upon which to 
base needle-bearing performance Inasmuch as bearings with length- 
diameter ratios of 11.67 operated better than bearings with length-' 
diameter ratios of 5.71, these bearings having essentially the same 
length needles. Therefore with shaft deflection present, the 
stiffness of the needle was a significant factor. 

The experimental results for the end thrust developed within 
a needle bearing agreed qualitatively with the derived expression. 
The over-all equivalent coefficient of friction for all the bearings 
investigated decreased with increase in speed from a value of 0.07 
at 2000 rpm to a value of 0.04 at 13,000 rpm. 
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In general, the percentage of slip within the hearings increased 
with increase in speed. The data indicated that at low loads the 
orbital needle speed may become independent of- shaft speed at high 
values of shaft speed. The percentage of slip decreased with increase 
in load at a given speed. The inner (rotating) race was far more 
vulnerable than the outer (stationary) race with regard to scuffing, 
wear, and chatter marks and should therefore be given every consid- 
eration regarding lubrication, surface finish, tolerances, and mount- 
ing accuracy. 

From the results of this preliminary investigation, needle bear- 
ings are not recommended for high-speed applications where appreciable 
shaft deflections may be present. 


INTRODUCTION 

A high-speed long-life bearing to carry radial load, to have low 
breakaway torque, and preferably to operate at high temperatures is 
desired for use as the turbine-support bearing in gas-turbine -type 
aircraft-propulsion units as well as for other high-speed applications. 
Conventional rolling- contact bearings present cage, cooling, and 
lubrication problems at extreme speeds. One of the main disad- 
vantages of the sleeve bearing is its high breakaway torque, which 
is significant at low temperatures. 

Several papers - (ref erences 1 to 6), published during 1930-36, 
describe the construction, principle of operation, and application of 
the needle bearing. The mechanism of operation of this bearing has 
been considered by some investigators (references 1 and 4) to be dif- 
ferent from that of any other type bearing. Unit sliding of the 
needles as a full-floating sleeve is believed to occur under ordinary 
operating conditions - the individual needles rolling about their 
own axes only under conditions of overload and severe shock. This 
theory has also been advanced as explanation of the higher load- 
carrying capacity of the needle bearing as compared with the con- 
ventional roller bearing, the assumption being made that load is 
carried not only by the needles along their lines of contact but also 
by the lubricant in the wedge-shaped spaces between the needles (ref- 
erence 4). Many investigators who do not agree with the foregoing 
theory of needle motion claim that all the needles have a continuous 
rolling action about their respective axes (for example, reference 5). 
Another investigator (reference 7) has reported that during operation 
the needles of a properly designed needle bearing rotate only in the 
region beneath the load and then in a predictable pattern, whereas 
the needles of an improperly designed bearing continuously rotate. 
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The investigation reported herein was conducted at the NACA 
Lewis laboratory to determine experimentally the operating character- 
istics of needle bearings. Analyses of the factors involved in the 
high-speed operation of needle bearings and a description of the 
apparatus employed to investigate the operating characteristics at 
high speeds are included. 

The investigation was conducted on bearings of 1^-inch pitch 

diameter with needle length-diameter ratios of 2.75 to 11.67 and 
various diametral clearances at maximum unit loads up to 600 pounds 
per square inch (based on bearing projected area), oil flows up to 
24 pounds per hour, and shaft speeds up to 17,000 rpm. 


ANALYSIS 

Stresses and Deformation 

Under ordinary flight conditions, the rotor-support bearings 
of gas-turbine units support only the weight of the rotating assem- 
bly in the radial direction and the algebraic sum of the individual 
axial forces developed by the turbine and the compressor. During 
flight maneuvers, however, inertial and gyroscopic forces are set 
up in the radial direction, and inertial axial forces (due to air- 
craft acceleration) are imposed in the axial direction, all of which 
must be accommodated by the rotor-support bearings. The gyroscopic 
reaction couple may be appreciable for a swiftly spinning body whose 
straight-line path of motion is abruptly altered. In addition to 
these external loads, a load that is equal to the product of the 
needle mass and the centripetal acceleration and that acts upon the 
needle and the outer race is set' up within the bearing during 
operation. 

Stresses, - Stribeck (reference 8) correlated Hertz's theory 
(reference 9) with his own empirical data and thereby originated the 
equations, which, with certain refinements (reference 10), are cur- 
rently used to determine the unit stresses within rolling-contact 
bearings. The stress for a turbine- support bearing from a typical 
turbine during normal operating conditions as calculated using the 
aforementioned formula and under a gravity load of 357 pounds is 
approximately 69,000 pounds per square inch. The maximum short- 
duration stress encountered during severe maneuvers, such as air- 
craft spin, is approximately 282,000 pounds per square inch as cal- 
culated using a value of the angular velocity of 3 radians per 
second. Consequently, although the gravitational load is relatively 
small, the unit stresses within the bearing may become quite high. 
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When the effective length of the rolling element is less than 
the race width, the ends of the contact area have a higher unit 
load than does the rest of the area inasmuch as work is done in 
compressing race material laterally as well as in the direction of 
rolling (reference 11) . This edge stress may he as much as one and 
one-half times the calculated value of the mean stress for the area 
of contact (the mean stress being approximately 0.8 of the maximum 
stress for line contact). This edge pressure has been relieved in 
many roller-hearing designs by crowning the rollers or the races; 
however, such a practice is not generally followed by needle-bearing 
manufacturers. 

Deformations. - Neither Hertz nor Stribeck obtained the deflec- 
tion relations for cylindrical bodies. However, formulas have been 
developed by several other investigators (references 11 to 14). 

In order to determine the effect of temperature on deformation, 
Palmgren's expressions (reference 12) for deflection in a cylindri- 
cal roller bearing may be combined to give 



(All symbols used throughout this report are defined in the appendix.) 
The modulus of elasticity of steel is 

E = 30.5X10 6 - 1.5xi0 1 2 3 4 T 

The calculated ratio of the deflection at a surface temperature of 
400° F to the deflection at 25° F is 1.2. Therefore, when radial 
deflections are significant, the effect of temperature upon deflec- 
tion should be considered. 


Internal Forces 

The internal forces that act upon a needle bearing may be 
grouped as follows; 

(1) Centrifugal forces 

(2) Separating forces 

(3) Axially developed forces 

(4) Radially developed forces due to skewing 
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Centrifugal forces. - The centrifugal force per needle F c is 
calculated according to Newton's second law. The value of centrip- 
etal acceleration, which is dependent on the orbital needle speed 
(the rotative speed of the needle body about the shaft center), is 



( 2 ) 


and, for the case of no slippage, 



Newton's second law may be combined with equations (2) and (3) 
to give 

F c = 0.788IX10" 6 D 2 ZN s 2 Dp 



Equation (4) has been plotted for various needle-bearing dimensions 
and shaft speeds in .figure 1. 


Centrifugal force tends to throw the rolling elements of a 
rolling- contact bearing radially outward, and at high speeds and 
light external loads the centrifugal load thus created may signifi- 
cantly influence operating characteristics of the bearing. 

Separating forces. - The separating forces may be defined as 
those forces that act on the moving elements at the pitch diameter 
and in a direction tangential thereto. The subject of separating 
forces within rolling-contact bearings has received little attention 
in the literature, presumably because the magnitudes involved are 
small; however, the presence of .separating forces influences the 
operation of a needle- type bearing. 


The separating forces in a needle bearing are caused by: 

(1) Shaft eccentricity of inner race with respect to outer race 

(2) Needle drag 

(3) Angular acceleration of rotating race 

i 

Shaft eccentricity results from internal radial clearance C 
and deflection 5 of the needles and races due to load P 
(figs. 2(a) and 2(b)). A third source that causes a cyclic change 
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in the separating force during normal operation is the shaft rise 
and fall S r (fig. 2(c)) due to rotation of the needles beneath 
the load and thereby a change in the load-deflection curve between 
two adjacent load-carrying elements; this phenomenon is described 
for ball bearings by Perret (reference 10). 

The separating forces are Indicated in figure 3(a). Line con- 
tact (at a maximum surface speed of twice the shaft-surface speed) 
occurs between adjacent needles. Even when the separating forces 
are small, there is little possibility of an oil film building up 
between adjacent needles inasmuch as the relative motion of their 
surfaces at the line of contact is in a direction opposite to that 
necessary to produce a hydrodynamic film, and wear of the needles 
is therefore an inevitable outcome (fig. 3(b)).’ 

The needle drag increases with an increase in oil flow and with 
an increase in speed and generally decreases with an increase in 
bearing temperature. This drag opposes the separating forces due 
to shaft eccentricity in the region 180° before the load and aug- 
ments them in the region 180° after the load. > 

Angular acceleration of the rotating race causes inertial drag 
forces within the needle circle; this additional drag may cause 
appreciable sliding and subsequent wear of the rolling elements, 
especially during high accelerations. 

Axially developed forces. - If present, taper of the rolling 
elements causes one end to move farther than the other end in a 
given time and thereby causes skewing. Shaft deflection or taper 
of the races also tends to produce skewing. Factors such as 
asymmetry of lubricant or friction distribution and centrifugal 
force acting upon the rolling elements and upon the lubricant may 
also pivot the rolling element within the clearance space. When- 
ever skewing occurs, sliding takes place and results in the genera- 
tion of a larger amount of heat within the bearing than would occur 
if pure rolling occurred. 

The approximate stress distribution and the position of a rep- 
resentative needle in the loaded zone for a shaft with and without 
deflection are shown in figure 4. The bearing is assumed to be 
precisely manufactured in that no taper or other irregularity exists 
within the bearing; it is also assumed that the outer race is 
rigidly mounted. Without shaft deflection the needles ride as shown 
in figure 4(a), whereas with shaft deflection and zero shaft speed 
the needles ride either as shown in figures 4(b) or 4(c). 
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Based on the assumptions that the needles are located as shown 
in figure 4(h), that at the beginning of shaft rotation the needle 
axes are parallel with the outer race, and that no skewing exists, 
the approximate load distribution between a representative needle 
and the inner race and the forces due to race friction will be as 
shown in figures 4(b) and 5(a), respectively. In these figures, the 
inner race and the needle make contact in the region of point A, 
which is closer to one end of the needle than to the other end. In 
order to prevent skewing, the summation of moments about a vertical 
axis through point A must equal zero, thus 

V (z-b) - F 0 b = 0 (5) 

Neglecting centrifugal force on the rolling element, lubricant 
churning, and deflection at the zones of contact in equation (5) 
gives 

w| il r (z-b) - w(^ il r b = 0 (6) 

Equation (6) is true only if the average coefficient of rolling 
friction is the same on either side of point A. However, if cen- 
trifugal force on the rolling element and lubricant churning are 
considered, the moments about point A will be such as to cause 
skewing of the rolling element. 

During operation in a skewed position, the needle tip will be 
loaded against the outer-race flange. Inasmuch as this needle-tip 
load affects the net axial .load on the outer race, an expression 
relating the variables entering into the development of the needle- 
tip load is derived. If a representative needle in the loaded zone 
rides as shown in figure 5(c), the forces acting will then be- as 
shown. For the needle to remain in equilibrium, the s umma tion of 
moments about a vertical axis through point A must equal zero; 
therefore 

W' (z-b) sin o+Wb sin 0+F o '(z-b) + G n p s | - (b-|) + zK*V n# j(b-|) 

= [| - (>>- f )] ten (b-§) (7) 

where 
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Substituting the following approximate orders of magnitudes in equation (8) gives 
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G n S 10K- 0 . 1W- 0 . 1F C (9) 

where 


b 

is of order of 0.5 

z 

1.0 

^s 

.1 ' 

^r 

.0001 

sin a 

.01 

cos a 

1.0 

sin p 

.01 

cos p 

1.0 

sin 6 

.001 

cos 0 

l.o 

sin 0 = tan (f 

.01 

cos 0 

1.0 

Tl 

.1 

l 

1.0 

( b- ;V 

.1 

V 2/ 

(z-b) 

.5 


That the angle of skew appreciably affects the magnitude of G n may 
be seen when- sin $ of the order 0.1 instead of 0.01 is substituted 
in equation (8) (corresponding values of sin a and sin 0 change 
from 0.01 to 0.1); thus 


G n = 100K-10W-10F C (10) 

If sin 0 is of the order 0.001 instead of 0.01 and the values 
of d and (3 are also of the order 0.001, the following expression 
results: 
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G^ H 10K- 0 . 01W- 0 . 01F C (11) 

Asymmetrical churning forces may appreciably affect G n . Also, 
when churning forces are neglected, the value of is quite small 

for small angles of skew, even under appreciable loads. 

The approximate maximum values of the angles involved in equa- 
tion (8) for a given bearing may be calculated (neglecting needle 
deflection and assuming a = 3) from the expressions 


and 


a = cos 


-1 



( 12 ) 



(13) 


or 0 may -be limited by the circumferential clearance rather than 
the radial clearance, in which case 


s °° 8 " 1 (dts) (14) 

The smallest value obtained from either equation (13) or (14) is 
the maximum possible skewing angle. For bearings with relatively 
large diametral clearances, the maximum possible angle of skew is 
generally given by equation (14). Also, the required unbalanced 
couple becomes greater as 0 is increased. It is therefore prob- 
able that under moderate and heavy external loads a, and 8 

will be small. This point is further discussed in the section, 
Discussion of Experimental Results. 

■Equation (8) contains terms for which values are not known with 
sufficient accuracy to make the equation quant i tat i ve ly useful. 
However, this equation is qualitatively useful in that it shows how 
each variable contributes to the needle-tip load G n . For example, 
inasmuch as the needle moves opposite to the direction of rotation 
relative to the rotating race and moves in the direction of rotation 
relative to the stationary race, the lubricant churning forces will 
affect the needle pivoting moment in relation to the radial distri- 
bution of the lubricant between the inner and outer races. That is, 
if the radial distribution of lubricant is uniform, the churning 
moments will be balanced; however, if the lubricant is more plenti- 
ful in the vicinity of the outer race, the needle will tend to pivot 
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about point A in a counterclockwise direction and conversely if the 
lubricant is more abundant in the vicinity of the inner race 
(fig. 5(b)). As shaft speed increases, two additional factors occur 
simultaneously: both roller and lubricant have a greater orbital 

speed about the shaft center thereby giving rise to higher centrif- 
ugal forces. If the centrifugal force acting on the needle is 
assumed to act at its center of gravity, equation (6) will no longer 
be true because F 0 * and F 0 will increase in like amounts, but 
inasmuch as F Q has a greater affective moment arm, the needle 
will tend to pivot in a counterclockwise direction (fig. 5(b)). 

The resisting churning motion, however, is also in a counterclockwise 
direction because the lubricant is more abu ndan t at the outer race. 
These effects are vectorially additive, and the tendency to skew 
may be increased or decreased by an increase in speed depending upon 
the original angle of skew. 


A factor that affects application of the foregoing conclusions 
at high speed and relatively light loads is slippage between the 
needles and the inner race and consequent decrease in orbital needle 
speed. As needle slippage increases, the relative motion between 
the needles and the rotating race increases whereas that between the 
needles and the stationary race decreases, thus causing a net churn- 
ing moment of the needle in a clockwise direction (fig. 5(b)). 

The evaluation of these forces during skewing becomes more com- 
plicated because of shaft deflection, or taper of the bearing ele- 
ments, when the zones of contact between the needle anfl the inner 
and outer races are asymmetrical, permitting leakage between the 
needles and the races in the circumferential direction. This leak- 
age effects a change in the churning forces, which in turn alters 
the skewing moments. Inasmuch as it has been observed that more 
slippage occurs as the speed increases (for a given load) and that 
speed and churning have opposite effects upon needle skewing, the 
problem of evaluating the net result of these effects over a wide 
operating range is difficult. 

The end thrust per needle acting on the outer race is found as 
follows: With skewing present, the needle has axial components of 

velocity in opposite directions relative to the inner and outer 
races. With equal loads and coefficients of friction at the inner 
and outer races, the friction forces resulting from the foregoing 
relative velocities will balance and there will be no net axial 
force on the needle. However, with unequal loading and churning, 
the needle-tip force is introduced. The end thrust G' acting on 
the outer race due to a single needle in the loaded zone (figa 5(c) 
and 5(d)) is 
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where 

G^, = W' (p s cos 0-p r sin 0) 

= ¥(p s cos 0-kiy sin 0) 

Substituting the preceding quantities in equation (15) gives 

G* = (¥'+¥) (p g cos 0-p r sin <f) + G n (16) 

Because 0 and p^. are small, equation (16 ) reduces to 

G* = (W+¥)p s 4G n (17) 

Inasmuch as ¥', ¥, and p g are generally unknown, equation (17) 

may be rewritten in terms of the actual load ¥ and an equivalent 
coefficient of friction p' as 

G' = p'¥4G n (18) 

In order to evaluate equation (18), the angles 0, a, and 3 
and the asymmetrical churning forces or representative average val- 
ues of these variables must be known. These representative aver- 
age values are obtained by empirical methods and therefore equa- 
tion (18) is discussed in the section. Discussion of Experimental 
Results. Allan (reference 15) obtained an expression for end thrust 
(neglecting several of the aforementioned variables) equal to the 
product of load multiplied by the coefficient of combined rolling 
and sliding friction. Allan's expression is essentially that of 
equation (18) if the needle-tip load is negligible compared with 

p'¥. 


The condition of needle skewing may be internally improved by 
needle-end guidance, by crowning of the needles or races, by con- 
trolling the diametral and circumferential clearance, or by more 
precise manufacturing tolerances of needles and races. The amount 
of skew may be externally improved by keeping shaft deflection to 
a m in i m um or by providing the bearing with a self -alining outer 
housing. 

Radially developed forces. - The unit load acting at the inner 
race is increased because of skewing (that is, reduction in area of 
contact), whereas the unit load at the outer race is increased 
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because of both skewing and centrifugal force (fig. 5). At the 
outer race, the increase in unit load may be attributed to the 
reduction in area of contact, to the centrifugal force, and to the 
effective components of the load, which are greater than the load 
itself, at the contact points. The unbalanced churning forces also 
affect the radial loads at the contact zones. 

Internal motion. - It is desirable to know the exact motions 
within a needle bearing inasmuch as these motions affect the oper- 
ating characteristics to a marked degree. Some investigators (ref- 
erences 11 and 12) believe that in a conventional roller bearing the 
rollers are in intimate contact with the races at all times ^r>ri 
therefore rotate about their centers at a speed dependent on the 
ratio of the inner-race diameter to the roller diameter, and that 
the rollers rotate about the shaft center with an orbital speed N' 
according to equation (3). However, isolated cases have been 
found in the literature, as in reference 16, where at high speeds 
and under light radial load, cage speed was found to be independent 
of shaft speed. In such a case considerable slip occurs within the 
bearing, the internal load developed within the bearing is less 
than that theoretically predicted, and under such operating ccndi= 
tions, some hydrodynamic action rather than intimate rolling con- 
tact possibly exists, thereby reducing the fatigue problem for high- 
speed lightly loaded roller bearings. Rolling action of the rollers 
at all times, even in roller bearings, is undesirable because of the 
fatigue phenomena involved. If a bearing could be evolved that 
would inherently demonstrate rolling action upon starting and 
stopping (thereby giving low wear and low breakaway torque) and oil- 
film sliding under normal operating conditions, longer bearing life 
would result. However, sliding must occur over an oil film if flat 
spots on the rollers are to be prevented. 


APPARATUS AND PROCEDURE 

Apparatus. - All the bearings investigated had a pitch diameter 

of approximately l| inches. The location of the experimental bearing 

was such that one end was unobstructed for observation of the compo- 
nent parts during operation. The needle motion was observed through 
a glass end plate under illumination from a stroboscopic light source 
(fig. 6). 

Because of the anticipated application of the results of this 
investigation to aircraft gas-turbine units for which low loads 
prevail and appreciable deflection and misalinement is possible, the 
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experimental shaft was so designed that it would impose approximately 
0.001 inch of shaft deflection per inch of bearing length at the 
experimental bearing under a load of 350 pounds on the experimental 
bearing (fig. 7). (This value of deflection is the maximum recom- 
mended by needle-bearing manufacturers . ) This entire deflection may 
be ineffective at the experimental bearing inasmuch as the outer 
race of the bearing is mounted in a housing that is floated on a 
high-pressure oil film (described later) and that may be partly 
self -a lining. The load was applied to the shaft through a nonsup- 
ported bearing by a lever and static weights. One-half of the 
applied load was taken by the experimental bearing and the other 
half by a support ball bearing at the drive end of the shaft. 

The shaft assembly used in the investigation is shown in fig- 
ure 8. Lubricating oil under pressure was introduced to the experi- 
mental bearing through a rotating pressure joint. The support 
bearings were splash-lubricated by an adjustable, sight oil feeder, 
which directed oil on a dummy gear mounted on the shaft between the 
load and the support bearings. 

The measurement of friction torque and end thrust was accom- 
plished by a free-floating externally pressurized bearing housing 
(fig. 9) and dynamometer rings equipped with resistance-wire strain 
gages in a Wheatstone bridge circuit (reference 17). A spring ball- 
and-groove-type linkage was incorporated in the friction- torque arm. 
The force necessary to pull this linkage apart was less than that 
necessary to cause permanent deflection in the dynamometer ring. 

Both friction torque and end thrust were recorded by means of a 
photoelectric potentiometer recorder with an accuracy of ±3 percent. 

The motion of the rolling elements was studied through a glass 
end plate by means of a stroboscopic light source for most of the 
runs. A disadvantage of this method was that at some operating con- 
ditions the orbital needle speed was nonuniform and the average 
value could not be determined; also, for certain values of oil flow 
and shaft speed, the needles could not be clearly seen because of 
oil bubbles between the needle ends and the glass end plate. A 
telescope with a photosensitive element in place of the usual objec- 
tive lens was built and mounted in front of the bearing so that a 
light beam falling on the cell from a source behind the bearing was. 
broken as each needle passed by, the impulses being amplif led and 
read by an oscilloscope (fig. 10). A system of an air-cooled mer- 
cury arc lamp with a lens to focus the intense beam of light on a 
mirror that in turn directed the parallel beam through colinear 
slots in the bearing end plate was unsuccessful because of oil 
bubbles within. the bearing. Later in the investigation, a battery- 
energized pickup coil (fig. 11) was incorporated in the externally 
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pressurized housing. As each needle passed beneath the pole piece 
of the winding, the lines of flux were disturbed and the impulse 
thus generated was amplified and detected by a frequency meter. In 
this manner, an average as well as an instantaneous value of orbital 
needle speed was available. This method worked well during the runs 
for which it was employed. 

A speed increaser was coupled to a 3-horsepower variable- speed 
unit on one end and to the experimental shaft on the other by a 
shear-pin coupling and a flexible coupling, respectively. The speed 
range of the shaft was from 2000 to 17,000 rpm; shaft speed was 
measured by a chronometric tachometer. 

A temperature-regulating valve automatically blended warm and 
cool oil in the proper proportions to give a preset value of oil 
temperature. The oil pressure to the experimental bearing was con- 
trolled by means of a regulator, which was also used to control the 
flow of oil to this bearing; the pressure was read to ±0.1 pound 
per square inch. The flow was measured to within ^0.005 pound per 
hour by two rotameters of different range in parallel. High-pressure 
oil (1200 lb/sq in.) was supplied to float the experimental-bearing 
housing. Oil from the entire unit drained by gravity to a sump 
wherein a float actuated the pump switch in such a manner that only 
solid oil was returned to the oil reservoir. 

Temperatures were read by means of a self-balancing poten- 
tiometer and copper- cons tantan thermocouples to within ±0.5° F. The 
temperature within the experimental unit was measured as was the oil 
entering the experimental shaft. The needle-bearing temperature was 
obtained by a thermocouple held against the loaded side of the outer 
race by a set screw at the axial center line. The load-bearing and 
support-bearing temperatures were obtained by spring-loaded thermo- 
couples pressed against the outer races. 

Experimental bearings. - The bearings investigated were made to 
the same pitch diameters for the following reasons: Friction 

torque rather than coefficient of friction is used to compare the 
results, and it is at the pitch diameter that the average friction 
torque acts. The internal loading in very high-speed rolling- 
contact bearings, which is in part due to the centrifugal force of 
the rolling elements, affects the life of the bearings. Because 
this internal load is dependent upon the pitch diameter for rolling- 
contact bearings, eliminating this variable is advantageous when 
comparing the operating characteristics of various types of bearing 
at high speeds. Also, the value of pitch diameter is more indicative 
of the average size of the various bearing types than is the shaft 
diameter. 
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Hampp, in testing cylindrical roller bearings at pitch-surface 
speeds up to 29 feet per second (reference 18), found that increase 
in diametral clearance reduced end thrust, friction torque, and 
bearing temperature; therefore, the experimental bearings used in 
the investigation were designed with relatively large diametral 
clearances, that is, ranging from about 0.001 to 0.003 inch. 

A copper- lead sleeve bearing was used for the break-in runs 
of the apparatus (fig. 12 and table I). The inner races of the 
sleeve bearing and of the needle bearings were 3/4 inch long with a 
l/8-inch radial oil hole at the axial midpoint. Inasmuch as a new 
inner and outer race were required for each run, these components 
were designed to be a thumb- push fit on the shaft and in the housing 
The inner race was rigidly clamped against a shoulder on the shaft. 
Except for the run that employed the magnetic pickup, no special 
effort was made to keep the outer race from slowly rotating; this 
condition is believed desirable in order to eliminate local wear on 
the normally stationary race of a unidirectionally loaded bearing. 

In spite of early difficulty encountered with fretting corrosion at 
the load- and support -bearing bores, no difficulty was caused by 
fretting corrosion of the experimental journal under almost identi- 
cal mounting conditions (0.0001 to 0.0002 in. loose shaft to bearing 
bore fits). 

Physical characteristics of the bearings investigated are given 
in table I. The needles for the needle bearings were purchased in 
lots of 500, the manufacturers' tolerances being 0.0002 inch in 
diameter and 0.020 inch in length. The needles were measured by an 
electrolimit gage set with gage blocks and sorted into groups with 
a tolerance of 0.00005 inch in diameter and ±0.005 inch in length. 
The needles have spherical ends with a radius equal to the diameter 
of the needle. The effective needle length is taken as the over-all 
length minus the spherical overhang at each end. The race diameters 
were measured and checked for concentricity and taper by an electro- 
limit gage set with gage blocks. Tolerances of 0.0002 inch for con- 
centricity and total taper were maintained for the bearing races 
used. The designed circumferential spacing of the needles was 
0.0001 inch per needle for each bearing investigated. 

The hardness of the needle-bearing races was less than that 
recommended by some bearing manufacturers; this condition was the 
result of fabrication from SAE 4140, which will not harden beyond 
Rockwell C-57. Inasmuch as the bearings were used for relatively 
short runs, this deficiency should not invalidate comparison of the 
results obtained. 
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Procedure. - Oil having the properties given in figure 13 was 
used during the investigation. 

The temperature of the oil as it entered the experimental shaft 
was held approximately constant between 85° and 92° F for all the 
investigations reported herein. It should be mentioned, however, 
that this oil passed through a hole in the shaft almost the length 
of the shaft before it was introduced to the bearing under investi- 
gation. Undoubtedly a temperature change, which varied with the 
oil flow and operating conditions, was thus incurred; the exact 
temperature of the oil as it entered the bearing is therefore 
unknown. 

In order to determine the effect of speed upon the operating 
characteristics, load and oil flow were held constant for a given 
speed during the runs; after the experimental-bearing temperature 
had essentially reached equilibrium, the readings were taken and 
the load was then increased to the next predetermined value. In 
order to determine the effect of oil flow upon operating character- 
istics, speed and load were held constant for a given oil flow 
during a run; after equilibrium was essentially established, read- 
ings were taken and the oil flow was then increased to the next 
predetermined value. 

The end thrust of some of the bearings investigated was erratic 
for certain conditions of operation. Inasmuch as there was consid- 
erable axial play (0.020 in.) in the end-thrust linkage so as to 
allow for zero checks of the strain-gage readings, a violent vibra- 
tion was sometimes set up and the reading fluctuated considerably. 

An average reading was taken in such cases. 

The orbital needle speed was determined by a stroboscopic 
light source whenever the readings were not obscured by oil bubbles 
or by random motion. The percentage of slip is defined as 


percentage of slip = 



100 


The starting or breakaway torque of the experimental bearing 
was first measured by a photoelectric potentiometer recorder that 
had a full-scale indicator response of l/2 second. Comparison of 
the maximum-response slope with the slope of actual starting torque 
data indicated that the value of starting torque reached a maximum 
either at or before l/2 second. Values of starting torque measured 
in this maimer may therefore be less than the true values. The 
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"breakaway torque was subsequently determined as that torque required 
just to begin bearing rotation when a tangential force was gradually 
applied to the bearing housing through a spring scale. An average 
of ten rea din gs was made to determine an accepted value for a given 
load. 


/ RESULTS AND DISCUSSION 

Experimental Results 

The results of the runs on bearings are given in table I and in 
figures 12 and 14 to 29. (Compressive end thrust means that the 
end-thrust linkage to the dynamometer ring was in compression. ) The 
load acting on the experimental bearing is given in pounds per square 
inch (based on the product of the effective needle length and the 
bearing pitch diameter). All the failures occurred on bearings that 
had an effective needle length -diameter ratio Z/D of 5.71 or 
greater. 

Influence of speed and load on operating characteristics. - The 
effects of speed and load upon the operating characteristics of the 
bearings investigated are given in figures 12 and 14 to 16 and the 
following general observations may be made therefrom: 

(1) The operation was generally satisfactory (bearing equilib- 
rium temperatures established) for light loads at shaft-pitch- 
surface speeds up to 80 feet per second if the needle Z/D ratio 
was 3.50 or -less. However, the operating characteristics were 
unsatisfactory (seizure occurred) for needle Z/D ratios of 5.71 
or greater — especially for shaft-pitch- surface speeds in excess of 
30 to 40 feet per second. 

(2) Bearings with 1 Z/D ratios of 11.67 operated better than 
bearings with z/D ratios of 5.71, these bearings having essen- 
tially the same length needles. Therefore with shaft deflection 
present, the stiffness of the needle is a significant factor. 

(3) The end thrust developed within the bearing generally 
decreased with increase in speed. The end thrust increased approx- 
imately linearly with increase in load, the slope being somewhat 
different for each bearing investigated. The magnitude of end 
thrust was less for small values of needle z/D ratio than for 
large values of this ratio for a given unit bearing load . 



NACA TN 1920 


19 


(4) When large values of end thrust occur, the values of 
friction torque did not always increase with an increase in load 
or in hearing operating temperature; in some cases the friction 
torque decreased with an increase in load or in hearing tempera- 
ture. 


(5) The failed hearings all showed scoring of the inner race 
and of the needles; no evidence of failure was indicated hy visual 
inspection of the outer race (fig. 16). 

Influence of oil flow on operating characteristics. - The 
effect of oil flow on the operating characteristics is shown in 
figures 17 to 20. The general observations that may he made are: 

(1) For a given operating condition there exists a flow rate 
above which or below which hearing operating temperature decreases. 
For a given hearing, this critical flow rate is dependent upon the 
operating condition hut generally decreases as load increases at a 
given speed. 

(2) In many cases at very light loads, high speeds, and low 
oil flows, increase in oil flow up to a certain value of flow 
decreases the value of friction torque. Above this critical flow 
rate, the torque increases with increase in oil flow. At higher 
values of load the friction torque is generally proportional to 
the oil flow. 

(3) For small values of end thrust, change in oil flow has 
little effect; however, when end thrust is appreciable, an increase 
in flow may cause a decrease in end thrust and may even reverse the 
direction. 

(4) The supply pressure of oil fed to the hearing through the 
inner race must he increased at a rate greater than the rate of 
speed increase in order to maintain a constant flow of oil to the 
hearing (figs. 12, 14, and 15). 

Breakaway torque. - The variation of breakaway torque with 
load, as determined hy the spring-scale method, is shown for the 
sleeve hearing in figure 21; and the results for several needle 
hearings are given in figure 22. 

For each of the needle hearings investigated, the breakaway 
torque was considerably greater when the needles were in a skewed 
position. Inasmuch as the average maximum value of starting torque 
is of interest, readings were made when the needles were in a 
skewed position; the average of ten readings was used for a given 
point 
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The scatter shown is the deviation "between maximum and minimum 
values of the ten readings that were averaged for each point. For 
loads above 100 pounds per square inch, the general observations 
evident from a comparison of figures 21 and 22 are as follows: 

(1) The breakaway tcrque of the needle bearings investigated is 
much less than for a sleeve bearing of comparable size. 

(2) The breakaway coefficient of friction for the bearings with 
skewed needles varied from 0.0075 to 0.056 over the range of loads 
investigated. 

(3) The breakaway coefficient of friction without skewing of 
the needles, calculated from the data of figure 22, was as low as 
0;0005. 

Internal motion. - The results of the visual study of motion 
within four of the bearings are given in figure 23 in which the 
percentage of slip is shown as a function of shaft-pitch-surface 
speed. The data of needle bearing 3 have been replotted in fig- 
ure 24 for comparison with data for a size 306 commercial roller 
bearing operating up to 36,000 rpm (reference 16), the ordinate 
scale being relative for the two bearings. 

Inasmuch as it was impossible to determine the .orbital needle 
speeds at high values of shaft speed by the visual method due to 
oil churning, the magnetic pickup was used to obtain readings at 
all values of shaft speed for needle bearing 4 (figs. 25 to 27). 

At low loads and for a given operating condition, the readings 
could be reproduced if the load was not removed or if the machine 
was not stopped between the readings. However, if the load was 
removed and then reapplied or the machine stopped and then brought 
up to apparently identical operating conditions, the amount of slip 
was generally nonr epr oduc ib le . This fact may be observed in fig- 
ure 25 and by comparing figures 25, 26, and 27. Inasmuch as the 
orientation of the needles within the bearing (as affected by 
removal and application of load and by starting and stopping) is 
so critical regarding the percentage of slip within the bearing, 
the results' must be taken qualitatively rather than quantitatively. 

The following general observations may be made: 

(l) For a given load, t and particularly at light loads, the 
percentage of slip increases with an increase in speed, the orbital 
needle speed possibly becoming independent of high values of shaft 
speed. (See figs. 23 and 24.) 
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(2) The percentage of slip decreases with an Increase in load 
at a given speed. 

(3) The percentage of slip is slightly affected by the oil 
flow to the hearing within the flow ranges investigated (fig. 27). 


Discussion of Experimental Results 

End thrust generally decreases with an increase in speed and 
increases approximately as a straight line with an increase in load, 
which indicates that operation may he occurring in the bo undar y 
region of lubrication (reference 19 wherein, at high values of sur- 
face speed, the coefficient of sliding friction p a is reported 
to decrease with Increase in speed) . However, the magnitude of 
this reduction in p a with speed is insufficient to account for - 
the decrease in end thrust with speed observed in this investiga- 
tion. It is well established that in the fluid-film region of 
operation, the coefficient of friction increases with an increase 
in speed if the other variables remain constant. 

As mentioned in the ANALYSIS section, equation (18) cannot be 
quantitatively evaluated until average values of churning forces 
and angles (ft, a, and 3 are at hand. The following approximate 
method may be used to estimate the order of magnitude of a, B, 
and 0: 

If the needle-tip load and friction forces that have a 
straightening effect on a skewed needle are assumed negligible , 
if a is assumed equal to 3, and if W» is assumed equal to W 
and to W/2, then the couple M' resisting skewing will be 


M' S - z sin a (19) 

2 

(it should be noted that the net effect of the foregoing assumptions 
in all probability tends to make M', and therefore 0, larger 
than exists in practice.) 

The friction force per needle at the outer race may be esti- 
mated if the friction torque for the bearing is known for a given 
operating condition. Assuming that one-third of the needles (those 
in the loaded zone) contribute in a large part to the friction 
torque gives the resistance dju to motion for these needles as 
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M 

(D p /2)(n/3) 


( 20 ) 


In order to be on the extremely conservative side, that is, to make 
0, a, end 3 as large as possible, this entire force is assumed 
to act at a moment aim ,z/2. 


Therefore, 


M* 


s 3 z M 

= ” d p 


( 21 ) 


Setting equations (19) and (21) equal and making use of the fact 
that for the needle directly under the load W = 5P/n (refer- 
ence 8) give 


a = sin' 


-1 


M 




( 22 ) 


Using the experimental data of needle bearing 4 (fig. 14(c)) 
as an example and substituting the following values 


P = (600 lb/sq in 




(1.116) (16) = 3680 oz 


v M = 9.2 oz-in. (at N s of 2000 rpm) 

D p = 1.116 
l m 0.343 

into equation (22) give 

a = sin 1 (3680)] S sin 1 (°* 0025 ) 


a S p s 0° 9' 

thus, from equation (13) 

4 s 0° 30’ 

However, from equation (12), needle bearing 4 has a possible value 
of a equal to 
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a = cos 


0.0025 


1.116+0.1250 


a S cos"'*" (0.998) 
a S p S 3° 30' 


thus, from equation (13), 0 = 13°. However, from equation (14), 

d ~ nna -l / 0.1250 \ ' - 

<f - cos . 1250+0 . 0001 J 

4 = 2 ° 20 ' 


The maximum possible angle of skew is therefore defined by equa- 
tion (14) rather than by equation (13). Also, the probable maxi- 
mum operating angle is considerably less than the maximum possible 
value (that is, 0° 30' compared with 2° 20' in this case). 

For smaller loads, the operating angles become larger (this 
statement applies to the needles in the more lightly loaded regions 
of a heavily loaded bearing as well as to the needles under the load 
in a lightly loaded bearing). As previously stated, in all prob- 
ability the net effect of the assumptions contained in the foregoing 
analysis tends to make the angles larger than they would actually 
be. Equation (18) rewritten in terms of the total external load P 
and an over-all equivalent coefficient of friction u", which 
incorporates G n in a psuedo fashion, gives the following expres- 
sion for the resultant end thrust G" acting on the outer race 

G" = |i"P (23) 

Thus, if the end thrust for a representative group of bearings can 
be measured over a wide operating range, the values of the over-all 
equivalent coefficient of friction n" may be determined and used 
in estimations of end thrust to be expected in design applications. 

The values of end thrust for the needle bearings investigated 
are shown plotted against total load (fig. 28) for shaft speeds of 
2000, 8000, and 13,000 rpm. The slope of the faired curve for each 
speed may be taken as the average value of the over-all equivalent 
coefficient of friction u". These average values of ji" have 
been plotted against shaft speed in figure 29, wherein it is shown 
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that n" decreases with increase in speed. The manner in which 
the variables entering the problem affect the resultant end thrust 
has been discussed in the ANALYSIS section (equations (5) to (18)). 

The effect of shaft deflection upon end thrust may be deter- 
mined by inspection of the data of figure 28. As indicated in this 
figure for a given load and therefore a given shaft deflection, the 
bearings with large z/D ratios develop about the same end thrust 
as do the bearings with smaller l/D ratios. It is thus probable 
that the data obtained by the apparatus described herein are in a 
large part dependent upon the load-deflection curve of the experi- 
mental shaft (fig. 7). It is possible that this objectionable feature 
may be eliminated in future runs by investigating all bearings in a 
self -alining housing, which will be required in actual practice If 
needle bearings are to operate under the most favorable conditions. 

The fact that, when large values of end thrust occur at very 
small values of friction torque, the friction torque does not always 
Increase with an increase in load and in some cases actually decreases 
makes it doubtful that friction torque and end thrust as measured were 
completely independent of one another. Although this detail has been 
given every consideration, it is questionable that the two readings 
are entirely Independent when the end thrust acts to compress the 
linkage connecting the floating housing and the dynamometer ring; . 
the data presented herein should therefore be analyzed with this 
fact in mind. 

Scoring of the inner race and of the needles of failed bearings 
indicated that the inne r race takes a good deal more punishment 
during operation than does the outer race. This scoring may in 
part be attributed to the higher stresses imposed upon the inner 
race because of the smaller area of contact between the inner race 
and needles than between the outer race and needles. However, the 
loads employed were relatively light, and it is believed that the 
smaller area of contact at the inner race, together with skewing, 
and the fact that the lubricant is thrown outward tending to starve 
this zone sore the primary causes of failure. Inasmuch as tempera- 
ture of the bearing is a decisive criterion of its satisfactory 
operation, the foregoing statements make it evident that temperature 
should be measured at the inner race as well as at the outer race. 

When the oil is supplied through a radial hole in the inner 
race of a needle bearing, the oil-feed pressure must be increased 
at a somewhat greater rate than the increase in shaft speed to 
maintain a constant supply of oil to the bearing (figs. 14 and 15). 
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That the percentage of slip cannot be reproduced in all cases 
for apparently the same operating conditions under light loads 
might be explained by change in needle orientation and lubricant 
distribution upon starting and stopping and upon the removal 
the reapplication of load. It is likely that vibrations of the 
shaft and housing are also critical factors in determining slip 
within the bearing. 

The effect of diametral clearance cannot be established from 
this preliminary investigation inasmuch as the data are inconclu- 
sive. 


SUMMARY OF RESULTS 


From the analysis and the experimental investigation of 1-- inch- 

pitch-diameter needle bearings over a range of shaft speeds, loads per 
square inch of bearing projected area, and oil flows, the following 
results were obtained: 


1. An expression for. the end thrust was derived wherein the 
end thrust was found to be approximately equal to the total external 
load multiplied by an over-all equivalent coefficient of friction. 

2. Operation of needle bearings with needle length-diameter 
ratios of 5.71 or greater was unsatisfactory for shaft-pitch-surface 
speeds in excess of 30 to 40 feet per second. 

3. With length-diameter ratios of 3.50 and 2.75, operation up 
to 80 feet per second was possible. 

4. The length -diameter ratio was unreliable as the main crite- 
rion upon which to base needle-bearing performance inasm uch as 
bearings with length- diameter ratios of 11.67 operated better than 
bearings with length-diameter ratios of 5.71, these bearings having 
essentially the same length needles. Therefore, with shaft deflec- 
tion present, the stiffness of the needle was a significant factor. 

5. The over-all equivalent coefficient of friction for all the 
bearings investigated remained essentially independent of external 
load and decreased with increase in speed. 

6. In many cases at light loads, high speeds, and low oil flows, 
increase in oil flow up to a certain value of flow decreased the 
value of friction torque. Above this critical flow rate, the torque 
increased with increase in oil flow. At higher values of load, the 
friction torque was generally proportional to the oil flow. 
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7. If oil were fed through the inner race of a needle bearing, 
the feed pressure would have to be increased at a somewhat greater 
rate than the increase in shaft speed in order to maintain a con- 
stant oil flow through the bearing. 

8. The breakaway torque of needle bearings, even with needle 
skewing present, was much less than for a copper- lead sleeve bear- 
ing of comparable size. 

9. The over-all equivalent coefficient of friction for all the 
bearings investigated decreased with increase in speed from a value 
of 0.07 at 2000 rpm to a value of 0.04 at 13,000 rpm. 

10. For a given load, the percentage of slip within the bear- 
ing increased with an increase in speed. The data indicated that 
at low loads the orbital needle speed may become independent of 
shaft speed at high values of shaft speed. The percentage of slip 
decreased with an increase in load at a given speed. 

11. The inner race was much more vulnerable than the outer 
race with regard to scuffing, wear, and chatter marks and should 
therefore be given every consideration regarding lubrication, sur- 
face finish, tolerances, and mounting accuracy. 

From the results of this preliminary investigation, needle 
bearings are not recommended for high-speed applications where 
appreciable shaft deflections may be present. 


Lewis Flight Propulsion Laboratory, 

National Advisory Committee for Aeronautics, 
Cleveland, Ohio, May 6, 1949. 
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APPENDIX - SYMBOLS 

The following symbols are used in this report: 

a centripetal acceleration, in./sec^ 

b longer distance along needle axis from center of contact 

zone of needle and inner race (point A) to center of 
contact zone of needle and outer race, in. 

C internal radial clearance of bearing, in. 

C total diametral clearance, in. 

c circumferential clearance per needle, in. 

D needle diameter, in. 

Dp pitch diameter of bearing, in. 

<3^ resistance to motion of all needles in loaded zone, lb 

E modulus of elasticity, lb/sq in. 

F c centrifugal force per needle, lb 

F^ drag force when adjacent needle is not propelling itself 

at orbital speed, lb 

F^^ friction force perpendicular to shaft axis acting between 

needle and inner race, lb 

Fj lubricant shear force, lb 

F m motive force of more highly loaded needle, lb 

F 0 ' friction force perpendicular to shaft axis acting between 

needle and outer race over length (z-b), lb 

F q friction force perpendicular to shaft axis acting between 

needle and outer race over length b, lb 

F s separating force due to shaft eccentricity acting at right 

angles to line from outer-race center to contact zone 
between inner race and needle, lb 

f breakaway coefficient of friction 
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end thrust acting on outer race due to single needle in 
loaded zone, lb 

resultant end thrust acting on outer race, lb 

needle- tip force due to skewing, lb 

axial force on inner race (or shaft) due to algebraic 
summation of G^,, Qg, G n , and ¥ sin 0 (that is, 

G ¥ = % ,+G W +G n" w sin 0), lb 
axial force on outer race due to ¥', lb 
axial force on outer race due to W, lb 

2 Z (t-|) 008 <f (V^-iqVn^) 
constant 

churning factor per unit needle length per unit relative 
velocity of needle with respect to inner race 

churning factor per unit needle length per unit relative 
velocity of needle with respect to outer race 

needle length, in. 

friction torque, lb-in. 

couple resisting skewing, lb-in. 

speed, rpm 

actual orbital needle speed, rpm 
theoretical orbital needle speed, rpm 
shaft speed, rpm 

number of rolling elements per bearing 
external bearing load, lb 
oil flow, lb/sec 
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E 

r 

T 


Si 


. V, 


n,o 


W 

W' 


¥ 


z 


a 

P 

6 

8 r 

0 


Hr 

Pr 

^S 

h" 

0 


inside radius of outer race, in. 
outside radius of inner race, in. 
temperature, °P ' 

relative velocity of needle with respect to inner race 
relative velocity of needle with respect to outer race 
external load per needle, lb 

load acting between needle and outer race, which may be 
considered to be concentrated at distance (z-b) from 
point A, lb 

load acting between needle and outer race, which may be 
considered to be concentrated at distance b from 
point A, lb 

distance between center of contact zones of needle and 
outer race along needle axis, in. 

angle of skew of needle from point A to (z-b), end view, 
deg 

angle of skew of needle from point A to b, end view, deg 
deflection, in. 

shaft rise and fall due to rotation of needles beneath 
load, in. 

angle that load makes with shaft axis (see fig. 4), deg 

coefficient of rolling friction 

average coefficient of rolling friction 

coefficient of sliding friction 

over-all equivalent coefficient of friction 

angle of skew of needle, plan view, deg 
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(a) No load, no rotation. ' (b) Load, no rotation. 



Figure 2. - Variation of shaft-center location of rolling- 
contact bearing for conditions of no load and no rotation, 
load and no rotation, and load and rotation. 
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Figure 3. - Forces acting on rolling element of and the 
motion within a conventional needle bearing. 
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(a) Schematic diagram of experimental -shaft assembly. 


-Variable 


speed, 

1600 to 
17,000 rpm 


Hydraulic resistances 
High-pressure oil film 

Externally pressurized bearing 
Experimental bearing 



(b) Photograph of assembly. 
Figure 6. - Needle-bearing test rig 
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Figure 8. - Experimental -shaft assembly. 
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termining end thrust and friction torque. 


Figure 9* - Apparatus for del 









Friction Bearing temperature, °F 
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Figure 12. - Effect of- speed on operating characteristics of copper-lead 
sleeve bearing. Bore, 1.118 inches; length-diameter ratio, 0.67; diametral 
clearance, 0.0024 inch; load, 200 pounds per square inch; oil-inlet pres- 
sure, 40 pounds per square inch; oil temperature at inlet to shaft, 85° F. 
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Figure 13, - Absolute viscosity and specific gravity of oil. Pour point, -50° 

flash point, 310° F; viscosity Index, 155. 
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Speed, rpm 


(d) Needle bearing 7; pitch diameter, 1.117 inches; effective 
length-diameter ratio of needles, 3,50; needle diameter, 
0.0625 inch; diametral clearance, 0.0016 inch; oil flow, ' 
0.5 pound per hour. 


Figure 14. - Continued. Effect of speed on operating characteristics of 
needle bearings. 
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(f) Needle bearing 9; pitch diameter, 1.117 inches; 
effective length-diameter ratio of needles, 
11.67; needle diameter, 0.0624 inch; diametral 
clearance, 0.0017 inch; oil flow, 2 pounds per 
hour. 


Figure 14. - Continued. Effect of speed on operating characteristics 
of needle bearings. 






Oil pressure 

thrust, oz lb/sq ( in. Friction torque, oz-in. Bearing temperature 


58 


NACA TN 1920 





Speed, rpm 


(g) Needle bearing 10; pitch diameter, 1.117 inches; effective 
length-diameter ratio of needles, 11.67; needle diameter, 
0.0625 Inch; diametral clearance, 0.0027 inch; oil flow, ■' 

12 pounds per hour. 

Figure 14. - Concluded. Effect of speed on operating- characteristics of 
needle bearings. 






End thrust, oz Friction torque, oz-in. Bearing temperature 


ffACA TN 1920 
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Load on bearing, lb/sq in. 

Figure 15. - Effect of -load on operating characteristics of needle 
bearing 6. Pitch diameter, 1.116 inches; effective length-diamet 
ratio of needles, 5.71; needle diameter, 0.1248 inch; diametral 
d ©France, 0.0020 inch; oil flow, 2 pounds per hourj 
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Figure 16. - Needle 'bearing 6 after investigation. 
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Oil flow, lb/hr 

(b) Shaft speed, 16,700 rpm; 
load, 200 pounds per square inch. 

Figure 17, - Concluded. Effect of oil flow on operating 
characteristics of needle bearing 2. Pitch diameter, 
1.137 inches; effective length-diameter ratio of needles, 
2.75; needle diameter, 0.137 inch; diametral clearance, 
0.0010 inch. 
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(a) Needle bearing 7; (b) Needle bearing 8; 

diametral clearance, diametral clearance, 

0,0016 inch, 0.0028 inch. 

Figure 19. - Effect of oil flow on operating chrracterist ics 
of needle bearings 7 and 8. Pitch diameter, 1.117 inches; 
effective length-diameter ratio of needles, 3.50; needle 
diameter, 0.0625 inch; speed, 16,600 rpm; load, 400 pounds 
per square inch. 
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Figure 21. - Effect of load on breakaway torque 
of copper-lead sleeve bearing by spring-scale 
method. Bore, 1.118 inches; length-diameter 
ratio, 0.67; diametral clearance, 0.0024 inch 
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Figure 23. 
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Figure 26. - Effect of shaft-pitch-surface speed on percentage of slip by magnetic pickup 
method for needle bearing 4. Pitch diameter, 1. 116 inches; effective length-diameter ratio 
of needles, 2.75; needle diameter, 0.1249 inch; diametral clearance, 0.0025 inch; shaft 
speed, 2000 to 17,000 rpm; oil flow, 2 pounds per hour. 
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Figure 27. - Effect of oil flow on percentage of slip 
by magnet ic ' pickup method of needle bearing 4. Pitch 
diameter, 1.116 inches; effective length-diameter 
ratio of needles, 2.75; needle diameter, 0.1249 inch; 
diametral clearance, 0.0025 inch. 
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Figure 28. - Effect of load and shaft deflection on needle-bearing end thrust at shaft speeds of 

2000, 8000, and 13,000 rpm. 
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Figure 29. - Effect of shaft speed on over-all equiv 
coefficient of friction of needle bearings. 
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